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The study of heat transfer phenomena in diesel engines is a very complex task 

considering the number of engine components such as intake and exhaust manifolds, 

lubricant oil and coolant subsystems, the different heat transfer mechanisms 

(conduction, convection, and radiation). This paper presents simulation results using a 

dual-zone model associated to GT-Suite simulation software for the calculation of 

convective heat transfer from gas to the cylinder wall, radiation heat transfer, gas 

pressure and temperature for low, partial and full load engine as a function of crank 

angle for a single-cylinder diesel engine. In this present article, a numerical simulation 

model was created to foresee the main combustion characteristics, and the simulated 

results were approved through the reference experiment data. Simulation results showed 

that any increase in the mass of fuel injected into the combustion chamber would 

generate a significant increase in the level of pressure and temperature of the 

combustion gases in the cylinder. This means that despite the improved power 

performance, excessive fuel consumption would have a negative effect on the thermal 

behavior and consequently on the life of the engine. The essential objective of any 

combustion engine development is to reduce fuel consumption while maintaining or 

improving the engine's power output. 
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1. INTRODUCTION

For several years, the heat transfer process in diesel engines 

has become a subject of great importance due to the need to 

improve engine performances as torque, power, and efficiency, 

to reduce fuel consumption and pollutant emissions. On the 

other hand, the loss due to the increase in heat transfer from 

the burnt gases to the combustion chamber walls lowers the 

temperature and pressure of the gas inside the cylinder, which 

reduces the work per cycle transferred to the piston. Fuel-

injected into the combustion chamber of a diesel engine loses 

up to 30% of its energy due to the heat transfer transferred 

from the working gas to the cooling system. About 50% of this 

energy is lost by the piston and 30% by the head [1]. Menacer 

and Bouchetara [2] studied the main performances of a 

turbocharged diesel engine using the simulation model and 

using GT-suite software to validate the results. A good 

agreement was found between the numerical results in 

FORTRAN program and GT-suite. Tianyu et al. [3] perform 

an experimental test in a constant volume vessel to study the 

impact of fuel spray on the near-wall combustion. According 

to these results, the lower ambient temperature makes the 

circumferential flame non-uniform, and its downstream 

evolution is sensitive to the temperature of the wall. The 

combustion and emissions of a direct injection diesel engine 

were treated in the work of Dimitrios C. Rakopoulos et al. [4]. 

By examining the effect of oxygenating diesel fuel at different 

injection angles and loads. It showed an increase in in-cylinder 

pressure, temperature and NO emissions, and a decrease at any 

load in soot emissions with the degree of the fuel oxygenation. 

In the results of Yong Liu et al. [5], a two-dimensional 

transient thermal heat conduction model was improved by 

using a computer simulation program to predict the engine 

cylinder wall temperatures. This method gave good agreement 

with the experimental results carried out in two diesel engines, 

Isuzu and Caterpillar. Yong et al. [6] developed results of a 

simulation computer program in a direct injection diesel 

engine and compare it with tests carried out on a test bench by 

testing of two modelling combustion approaches (multi-zone 

model and in-cylinder flow model). A thermodynamic 

simulation model studied in the paper of Salah et al. [7], shows 

its ability to predict the impact of operating conditions on the 

combustion characteristics of a constant volume engine. CD. 

Rakopoulos et al. [8] evaluated the soot formation and 

oxidation rates in the direct injection diesel engine closed 

cycle by choosing a dual-zone combustion model. There was 

a very good agreement between the results from the simulation 

program and the experimental results carried out on a “Hydra” 

test bench. Paramust Juntarakod et al. [9] have carried out 

numerical and experimental studies on the diesel/ethanol 
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mixture injected into a combustion chamber of diesel engines 

by developing a multi-zone combustion model. The results 

show a remarkable increase in maximum performance 

parameters with increased engine speed and equivalence ratio. 

Salman Abdu et al. [10] have shown using GT-Power software 

that the use of the dual-fuel mode is important for reducing 

emissions and improving the performance of the turbocharged 

direct injection diesel engine. 

A dual-zone combustion model used in the article of Ivan 

Arsie et al. [11], which can predict the effect of the injection 

parameters (whatever the type of single or multiple injections), 

in a short calculation time to optimize the control parameters 

of the HSDI engines. 

The main objective of this research paper is to develop a 

dual-zone combustion simulation model in a direct injection 

single-cylinder diesel engine and using the GT-Suite software 

to predict the total, convective and radiation heat transfer, 

pressure and temperature of the burnt and unburnt gases as a 

function of the crank angle for different engine loads. In this 

article, the simulation results have been validated using 

experimental data from the literature. The two results show a 

good agreement between them. 

 

 

2. MODEL EQUATIONS  
 

Certain simplifications to build the dual-zone combustion 

model have been made through this paper: 

• The engine cylinder is divided into dual zones (burnt zone 

and unburnt zone) and separated by a thin flame, as shown 

in Figure 1. Each of these zones is assumed to be spatially 

homogeneous [12]. 

• In the compression period, the model is supposed in a 

single-zone model and undergoes no pre-flame reactions. 

• During all the calculations of the engine thermodynamic 

cycle, the gases are assumed ideal. 

• It is assumed that the combustion chamber pressure is the 

same for both zones (burnt zone and unburnt zone). 

• No heat transmission between both zones (burnt zone and 

unburnt zone) [13].  

• The temperature and pressure of the gases in the intake 

and exhaust manifolds are assumed to be constant. 

• In this study, we do not take into account the crevice 

losses. 

• The instant thermodynamic properties used in this study 

are taken from JANAF tables [14]. 

 

 
 

Figure 1. Dual-zone combustion model 

 

The dual-zone combustion model uses the following 

equations (energy conservation, ideal gases, and mass 

conservation) [15]: 

Valve leakage and blow-by are overlooked, so the cylinder 

total mass is: 

 

b um m m= +  (1) 

 

The total combustion chamber volume is the sum of both 

zones’ volumes (burnt zone and unburnt zone): 

 

b uV V V= +  (2) 

 

The equation of state of the ideal gas in each zone is given 

by: 

 

u u u u

b b b b
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P V m R T
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 =  
 (3) 

 

The in-cylinder pressure and temperature equations of 

burned and unburned zones are given by [16]: 
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The Olikara and Borman constants are [17]: 
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The mixture state is given by the following equations [18]: 
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With: cp=(∂h/∂T)p. 

 

 

3. HEAT TRANSFER MODELLING  
 

From Figure 2, the total heat loss term dQ/dθ
 
is modelled as 

[19]: 
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Figure 2. In-cylinder heat transfer process in a diesel engine 

 

3.1 Convective heat transfer model 

 

The temperature gradient in the boundary layer influences 

the convective heat transfer between the gases and the cylinder 

wall. The convective heat transfer rate is [20]: 
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For the areas Ab and Au, the cylinder area Ac can be divided 

as follows: 
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The convective heat transfer coefficient used in this paper, 

calculated by [21]: 

0.2 0.8 0.55 0.83.26 gh D p T w− −=      (19) 

 

The burned gas velocity can be determined by: 
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The motoring pressure (pm) can be calculated from the 

Watson-Janota model [22]. The values of C1 and C2 depending 

on the operation period of the engine cycle: compression 

period (C1=2.28, C2=0), combustion and expansion periods 

(C1=2.28, C2=3.24×10-3), and exchange period (C1=6.18, 

C2=0). 

The average piston speed 𝑈𝑝̅̅̅̅  is calculated from [8]: 
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3.2 Radiation heat transfer model 

 

In diesel engines, the high-burned gas temperature and soot 

can be considered as the main sources of thermal radiation. 

Using the relationship of Anands [23], the heat transfer by 

radiation is calculated as a function of the average temperature 

of the bulk gases [24]: 

 

( )4 4r
r g w
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d
=   −  (22) 

 

The radiation heat flux is neglected during the intake, 

compression and exhaust periods. For the combustion period, 

the formula of Anands has been used [23]: 

 

r rk C =   (23) 

 

The instantaneous radiant heat flux is evaluated by the 

following equation: 

 

( )4 4
r a r wQ A T T =    −  (24) 

 

Using both values (adiabatic flame temperature and average 

bulk gas temperature) to calculate the value of the apparent 

radiant temperature [25]: 
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For an equivalence ratio of 1.1, the combustion gas 

temperature is a function of instantaneous air temperature and 

pressure. This value can be evaluated using the Nasa 

equilibrium program. Satisfactory accuracy was obtained by 

considering two temperature ranges [25]: 
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The instantaneous air temperature (Tair) is calculated from 

the condition at the start of combustion (ing) [12]: 
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The coefficient of apparent grey-body emissivity is varying 

linearly between its maximal values (0.9) and zero after 

finished the combustion process [13, 14]: 
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4. SIMULATION RESULTS 

 

Table 1 present the use of engine specifications and 

operating conditions in this article to the results' simulation for 

a single-cylinder direct injection diesel engine. 

 

Table 1. Engine specifications 

 
Parameters Values Units 

Bore 119 mm 

Stroke 87.5 mm 

Connecting road 300 mm 

Compression ratio 17:1 - 

Cylinders number 01 - 

Injection timing 10° BTDC 

Intake valve opens 11° BTDC 

Intake valve closes 32° ABDC 

Exhaust valve opens 35° BBDC 

Exhaust valve closes 16° ATDC 

 

Figure 3 presents the validation curves, between the in-

cylinder simulated pressure as a function of the crankshaft 

angle using the dual-zone model and the pressure curve 

measured from the test bench of a diesel engine used by 

Maniniyan and Sivaprakasam [26]. A good coincidence is 

observed between the numerical and experimental pressure, as 

shown in Figure 3. The error is estimated to be in 3% between 

them. 

 

 
 

Figure 3. Comparison between simulated and experimental 

in-cylinder pressure versus crank angle 

From Figure 4, for fixed engine speed (value of 2,000 rpm), 

the engine load has a large effect on the in-cylinder pressure, 

we see a rapid increase in the slope at the point of combustion 

start (10° before TDC), the pressure peak is at a crankshaft 

angle of about 12° after TDC. This is may due to the advanced 

combustion onset of the injected mass fuel. Figure 4 also 

shows that when the amount of fuel injected into the 

combustion chamber increases by 50%, the cylinder pressure 

peak increases by 20%. 
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Figure 4. Effect of engine load on cylinder pressure versus 

crank angle 
 

Figure 5 shows the evolution of in-cylinder gas temperature 

versus crank angle for a low, partial and full load at a fixed 

engine speed of 2000 rpm, a rapid increase in the slope of 

temperature at the point where combustion starts (5° before 

TDC), the peak of temperatures is approximately 35°, 10° and 

13° CA after TDC for a low, partial and full load. If the mass 

fuel-injected increased by 50% (from partial to full load), the 

maximum cylinder temperature increased by 28 %. The reason 

behind this is that at full load there is more fuel in the 

combustion chamber, so the combustion time increases and 

after that the temperature increases too.  
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Figure 5. Effect of engine load on cylinder temperature 

versus crank angle 
 

Figure 6 represents the variation of the in-cylinder gas 

temperature as a function of the crankshaft angle in the two 

zones (burnt and unburnt), engine speed of 2,000 rpm, 

injection timing angle of 15 BTDC and for two engine loads 

(full load and partial load). A very rapid increase in 

temperature of the burning zone with the start of combustion 

is depicted. The high burning zone temperature is responsible 

for the formation of NO and soot. And on the other hand, a 

slight change in temperature in the unburned zone. The peak 
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temperature is 1,700K, 1,600K and 1,300K at respectively full, 

partial and low load.  
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Figure 6. Unburned and burned zone temperature versus 

crank angle 

 

Figure 7 shows the variation of the total, convective, and 

radiation heat transfer rates versus crank angle for partial and 

full load at an engine speed of 2,000 rpm. The maximum 

values of the total, convective and radiation heat transfer are 

showed at 17° after TDC. When the mass full injected 

increased by 50%, the maximum total heat transfer value 

increases by 25%. It has also been noticed that the maximum 

convective heat transfer value increases by 16%, and the 

maximum radiation heat transfer value increase by 9%. 
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Figure 7. Effect of engine load on total, convective and 

radiative heat transfer rate versus crank angle 
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Figure 8. Effect of engine load on heat flux versus crank 

angle 

 

Figure 8 gives the evolution of heat flux from gas to cylinder 

wall versus crank angle, and for low, partial, and full loads at 

a constant engine speed of 2,000 rpm. The increase in the 

engine load causes a high peak in the rate of heat generation, 

the maximum values of heat flux are shown at 23°, 9° and 5° 

after TDC for low, partial and full load respectively. If the 

mass full injected increased by 50% (from partial to full load), 

the maximum heat flux value increases by 11%. 

Figure 9 gives the variation with the crank angle of the in-

cylinder simulated gas heat transfer coefficient, for various 

loads at an engine speed of 2,000 rpm and an injection timing 

angle of 15 BTDC. The heat transfer coefficient increases with 

increasing engine load. This is maybe due to the higher in-

cylinder temperatures during the combustion period, where the 

heat transfer coefficient reaches its maximum value [11]. The 

maximum values of the heat transfer coefficient are showed at 

15°, 9°, and 7° after TDC for low, partial and full load. The 

maximum heat transfer coefficient value would increase by 

20% by increasing the mass full injected by 50% (from partial 

to full load). 
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Figure 9. Effect of engine load on the simulated gas heat 

transfer coefficient versus crank angle 

 

The rate of heat release in energy per degree with the crank 

angle for different mass fuel injected (low, partial, and full 

load) for diesel engine running at 2,000 rpm is represented in 

Figure 10. The heat lost through convection increased due to 

the more injected fuel available for the conversion of chemical 

energy to heat energy. 
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Figure 10. Effect of engine load on the heat release rate 

versus crank angle 

 

Figure 11 shows the influence of engine loads on the 

amount of fuel burned per unit crank angle. These results 

indicate that the burned fuel fraction increases with the crank 

angle in the dual-zone combustion model. The burnt gases’ 

volume increases during the combustion period; on the other 

618



 

hand, the fresh gases gradually decreases and is cancelled out 

at the end of combustion. The burned fuel mass fraction 

increases with the mass of the fuel injected into the 

combustion chamber to reach its maximum value at the end of 

this phase, which means that all the mass of the admitted fuel 

is burned (No; the curves indicates that only 40% is burnt for 

low load and 60% for partial load, for partial load the burnt 

mass is higher due to availably of oxygen and the good 

oxygen-fuel mixture, then stabilize at this level during the 

expansion period. 
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Figure 11. Effect of engine load on burned fraction versus 

crank angle 

 

Figure 12 shows the evolution of internal energy and work 

versus crank angle for partial and full load at engine speed of 

2,000 rpm. More fuel in the combustion chamber causes more 

energy and work to be released, and thus the engine provides 

more power to the vehicle. The internal energy and work 

increases in the combustion phase due to the increase of 

injected fuel. An increase in the mass full injected by 50% 

would increase the maximum internal energy value by 50% 

while the maximum work value increases by 10%. 
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Figure 12. Effect of engine load on internal energy and work 

versus crank angle 

 

 

5. CONCLUSIONS 

 

In this paper, a simulated dual-zone thermodynamic cycle 

model of a single-cylinder DI diesel engine is developed. The 

dual-zone combustion model developed in this study has 

shown its effectiveness in predicting the main combustion 

performance of the engine. Specifically, the effect of the major 

operating parameter of the load upon cylinder pressures and 

temperature, convective and radiation heat transfer, in-

cylinder energy, and work. Based on the computational studies 

in predicting the heat transfer of the diesel engine, it can be 

concluded that: 

 

✓ The comparison of the results obtained by the simulation 

tests, with those drawn from the bibliographical 

references, showed an acceptable agreement. With the 

parametric study, we could conclude that the calculation 

program is valid. 

✓ The convective heat flux from the working gases to the 

cylinder wall varies during the working cycle from small 

negative values at -180° to -100° during compression to 

positive values after -100° and arrived maximal value at 

23° after TDC.  

✓ The radiation heat flux from the working gases to the 

walls varies during the combustion process and arrived 

maximal value at 23° after TDC. 

✓ The increase of engine load entails a great increase of 

head peak heat flux from gas to the cylinder wall. 

 

It can be concluded that the dual-zone combustion model is 

used to predict the main combustion performance of a DI 

diesel engine. In the future, the authors will try to treat the 

multi-zone combustion model taking into account the crevice 

losses and the propagation of heat between these zones. 
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NOMENCLATURE 

 

m mass gas in the combustion chamber, kg 

V instantaneous cylinder volume, m3 

x in-cylinder burned mass fraction 

v specific volume of the system, m3 

C blow-by coefficient 

h Enthalpy, J.kg-1 

A surfaces of the gases, m2 

T temperature, K 

BTDC befor top dead center 

ABDC after bottom dead center 

BBDC befor bottom dead center 

ATDC after top dead center 

 

Greek symbols 

 

θ crank angle, deg 

 

Subscripts 

 

b burned 

u unburned 

wall cylinder wall 

gr reference gas 

d displacement 

m motoring 
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